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Abstract 
 In a time when efforts to reduce high-grade energy consumption are a necessity, it is 
useful to develop innovative alternatives to technologies that involve large amounts of power 
consumption, such as vapor compression refrigeration.  The ejector refrigeration system is such 
an alternative.  What makes the ejector so attractive is that the system is heat operated, making 
the system ideal to be powered from low-grade thermal energy such as solar generated hot water 
or waste heat, especially when electricity supply is limited or non-existent.  A mathematical 
model has been developed, which considers both the isentropic efficiencies to account for 
viscous effects, and the potential for a multi-fluid system.  At the same time, an experimental 
investigation of an ejector refrigeration system was conducted to determine the effects of nozzle 
size, nozzle location, high temperature evaporator temperature, and refrigeration temperature.  It 
was found that an optimum nozzle location which can produce a maximum coefficient of 
performance (COP) exists.  The mathematical model has been verified with good agreement to 
experimental data.  Current investigation demonstrates that the ejector refrigeration system is a 
very promising alternative to the status quo vapor compression systems. 
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I.  Introduction 
Various forms of low-grade thermal energies such as waste heat from industrial processes, 
vehicle exhaust, and solar generated hot water, could all be useful in powering a cycle known as 
the ejector refrigeration cycle (ERC).  In addition to energy savings, this in return leads to a 
reduction in harmful CO2 emissions that some believe to be linked to environmental climate 
shifts, and that could be associated with the power plants that burn fossil fuels to generate 
electricity. 
 Even though the ERC is a valuable alternative to traditional vapor-compression 
refrigeration cycles, the current ERC has a low efficiency.  As a result, the vapor compression 
refrigeration cycle remains dominate in the market.  In order to make a commercially available 
ERC that is competitive in price and performance, further research and enhancement needs to be 
done in order to increase efficiency and reduce unit cost of production to a level suitable for a 
consumer-based market. 
 The aim of this investigation is to better understand the fluid flow and refrigeration 
mechanisms occurring in the ejector refrigeration system through both theoretical analysis and 
experimental investigation.  A general mathematical model by implementing different aspects of 
several current models and theories is developed.  Using the experimental system developed 
herein, two prototypes of the ejector refrigeration system were investigated.  The investigation 
can help to design a more efficient ejector refrigeration system. 
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II. Review of the Ejector Refrigeration Cycle 
2.1 History of the Ejector 
Of the multiple components that make up the entire Ejector Refrigeration System (ERS), the 
ejector is the heart of the system and the ERS efficiency is tightly coupled with the efficiency of 
the ejector itself.  The ejector was first developed in 1901 [1] for removing air from a steam 
engine‟s condenser.  Just nine years later, the development of the first ERS is attributed to 
Maurice Leblanc [1].  From there, the ERS was popular for conventional heating purposes, 
mainly in air conditioning large buildings [1].  When the vapor-compression refrigeration cycle 
hit the market, it dominated up to present day, sending the ERC concept on the backburner of the 
scientific research due to the low COP.  As environmental and energy issues become a larger 
concern, the research focus has begun to realign with the ERC. 
2.2 Conceptual Ejector Operation 
Figure 2.1 illustrates what a typical ejector might look like, however many variations on 
geometry throughout research are evident.  Referring to this figure, the high-pressure primary 
fluid (PF) expands and accelerates through the primary nozzle to fan out with supersonic speed 
and create a lower pressure region than what is present in the low temperature evaporator.  The 
lower pressure region and the high speed primary fluid entrain a secondary fluid (SF) through a 
duct connecting to the low temperature evaporator.  The two flow streams come into contact; 
however do not actually begin the mixing process until some particular length along the length of 
the ejector.  The SF further accelerates through the convergent area formed by the fanned out 
conical jet stream of the PF.  As the local velocity of the two flow streams converge, the mixing 
process takes place and it is assumed to be completed by the end of the constant-area mixing 
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chamber.  The mixing process is assumed to take place at some cross-section known as the 
„effective area‟ [1]. 
 
Figure 2.1 Typical ejector geometry, pressure and velocity profiles along ejector length [1] 
 At the end of the mixing chamber, where the mixing is assumed to have been completed, 
a shock wave of infinitesimal thickness is typically present.  This is a direct result of the higher 
backpressure of the diffuser exit, which is the condenser pressure.  The shock wave causes a 
compression effect and the flow stream after the shock wave is of uniform temperature and 
pressure.  The flow stream is then further compressed as velocity decreases in the subsonic 
diffuser, and some pressure is recovered [1]. 
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 In order to describe the ERS performance, the entrainment and compression ratio as 
defined by, 
  
                         
                           
     (1) 
   
                             
                                    
    (2) 
respectively, are employed.  The entrainment ratio is directly coupled to the energy conversion 
efficiency of the ejector, while the compression ratio directly limits the maximum saturation 
temperature at which the condenser can reject heat to the environment.  These two metrics can be 
directly used to evaluate a given ejector design. 
2.3 Theory Development 
In order to predict the dynamics of the fluid flow in the ejector, a Quasi-1-Dimensional analysis 
was first imposed by Keenan et al. [2].  The mechanism of this one-dimensional analysis is the 
ideal gas assumption utilized in conjunction with the well-known mass, energy, and momentum 
conservation equations.  Keenan et al. [2] was able to find very satisfactory agreement between 
experimental data and analytical predictions.  Since the vapor pressure of the working fluid is 
very low in the ejector, the ideal gas assumptions prove to hold truth about the behavior of the 
flow streams.  In addition, isentropic efficiencies were later introduced to account for the small 
variations in calculations compared to experimental data, associated with the viscous forces.  
Values for the isentropic efficiencies varied from 0.75 to 1.0, depending on the operating 
conditions and surface conditions of a given ejector [1]. 
 There are several ways for improvement in the theoretical models on the ERS.  The first 
one is the understanding of the mixing process.  It is believed that a large portion of the 
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irreversibilities associated with the mixing process are due to an energy loss from the shear force 
developed at the interface of the two flow streams, and consequently the shear mixing.  One 
study by Chang et al. [3] and they proposed a novel petal nozzle, as opposed to the conical 
nozzle used in the typical ERS.  The nozzle was originally developed for jet engine application 
for augmenting engine thrust.  According to experimental results, a normal, stream-wise vortex 
exists behind the exit of the nozzle.  Due to the Kelvin-Helmholtz instability, this vortex sheds 
periodically from the trailing edge of the nozzle and directly enhances the mixing process.  
Therefore, if the mixing process can be done in a more energy conscience manner, more energy 
could be recovered to the backpressure [3], and improve the compression ratio.  They concluded 
that the compression ratio and the entrainment ratio of the ejector could indeed be enhanced if 
the petal nozzle was used, but only when the area ratio, AR, is high.  The AR is defined as 
   
  
  
      (3) 
where Ad is the area of the diffuser throat and At is the area of the throat of the primary nozzle.  
The use of the petal nozzle can increase the critical condenser pressure for a larger AR, 
regardless of operating conditions.  There also exists an optimum AR under which a maximum 
compression ratio can be obtained from use of the petal nozzle. 
 Several attempts to understand the flow characteristics through the ejector have been 
made.  The well-known constant cooling capacity was initially unexplained, until the work of 
Munday et al. [4].  Their research provided a theory that would help explain the phenomena that 
many researchers before them had experienced.  The key to this new theory Munday et al. [4] 
developed was the restriction of the secondary flow within the ejector. 
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 During the experimental setup of Munday et al.‟s [4], they were able to prove that the 
liquid water found in the low temperature evaporator was very close to being in equilibrium with 
its vapor, therefore confirming the assumption that the pressure in the evaporator is taken as the 
fluid‟s saturation pressure at the respective temperature.  Many researchers [4] had observed the 
unexplained constant capacity effect inherent to the ejector.  There would be no increase in 
cooling capacity if the condenser‟s pressure was decreased [4].  This phenomenon is believed to 
occur because of the PF fanning out of the primary nozzle creating a convergent duct for the 
secondary flow stream.  Since it is assumed to be impossible for a sonic flow stream to achieve 
super-sonic speeds in a convergent duct, then the theory is consistent.  Then at some cross 
section called the “effective area”, along the convergent portion of mixing chamber, the 
secondary vapors choke at sonic velocity.  The mixing is also thought to begin once the 
secondary flow chokes causing an increase in static pressure beyond the “effective position” [4].  
The theory that the secondary flow stream always reaches sonic velocity was based on the 
following experimental evidence.  Experimental pressure measurements confirmed to be 
approximately 50% of the suction chamber pressure, close to the critical pressure.  The 
secondary vapors must achieve sonic speed in order to achieve sonic mixing.  No conditions 
were observed that suggested operation above the choking curve on the appropriate Mollier 
diagram.  Finally, it is known that the ejector “breaks back” when the condenser pressure is too 
high to be reached with the given motive pressure and evaporator pressure.  Therefore, the 
constant capacity effect of the ejector, irrespective to pressure changes up to the “break back” 
point, is consistent with the constant flow of sonic flow in a convergent duct [4]. 
 Chunnanond et al. [5] were able to conclude with similar results of Munday et al.‟s [4] 
“break back” theory.  Chunnanond et al. [5] further explored Munday et al.‟s [4] notion of an 
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effective area in order to further understand the mixing process and pressure profile across the 
ejector.  Fig. 2.2 can be used to describe the mixing process.  When the saturation temperature 
and pressure in the boiler were lowered, as in Fig. 2.2(a), a smaller PF mass exits the nozzle with 
a lower velocity.  The PF flow stream fans out with a lower momentum and therefore, a smaller 
expansion angle.  This pushes the “effective area” further down the entrained duct, therefore 
increasing the entrainment ratio.  Thus, the system has a higher cooling capacity and overall 
cycle efficiency.  However, this also was found to result in a lower mixed stream momentum, 
thereby causing the shocking position to move upstream forcing the ejector‟s critical condenser 
pressure lower [5]. 
 
Figure 2.2 Entrainment and mixing process, effect of operating conditions [5] 
 It was also observed that the system COP, and the critical condenser pressure would 
increase with an increase in the refrigerated temperature.  It was thought that the expansion wave 
faced more of a compression effect from the increasing of the evaporator saturation pressure.  
Therefore, the effective position moved downstream creating the longer entrainment duct, 
therefore again, increasing the system COP.  The ejector can then be operated at higher critical 
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condenser pressures since the momentum of the mixed fluid stream is better conserved with the 
incoming larger portion of pressurized secondary flow stream [5]. 
2.4 The Ejector Refrigeration Cycle 
Figure 2.3 shows a schematic diagram of a typical ejector refrigeration cycle.  The boiler, 
mechanical pump, and ejector in the ERC are analogous to the mechanical compressor in a 
conventional vapor compression refrigeration cycle.  The primary fluid flowing through the 
ejector is a saturated, or superheated, vapor formed in the boiler from adding heat and evolving 
the liquid in the boiler into a high temperature, high pressure vapor.  The primary fluid is 
accelerated through a nozzle in the ejector creating suction on the evaporator and drawing the 
low-pressure secondary fluid into the ejector.  As the secondary fluid evaporates in the low-
pressure evaporator, it draws on heat from its surroundings and creates useful refrigeration.  The 
ejector exhausts its mixture of fluids into the condenser where it is liquefied at ambient 
temperature.  From there, the two liquids are separated, usually by gravity, and the primary fluid 
is pumped back into the boiler while the secondary fluid is drawn back into the evaporator.  
Often times the boundaries are set on the operating conditions of the boiler, evaporator, and 
condenser by the available heat input, the refrigeration needs, and the local ambient conditions.  
Typically, a mechanical pump is required to pump primary fluid back into the high pressure 
boiler, but significant efforts to replace the mechanical pump with a thermally-controlled pump 
have been made recently.  The cycle‟s efficiency is measured by the coefficient of performance, 
or COP, given by the relationship 
    
                    
                                           
    (4) 
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Figure 2.3 Schematic diagram of a typical ejector refrigeration system 
 Equation (4) is widely used a design metric for designing such an ERS.  If the energy 
input to the mechanical pump is neglected, as it usually is due to its relative magnitude compared 
to the energy input to the HTE, the value of a given systems COP can be estimated by the 
relationship 
    
           
          
      (5) 
where hfg is the latent heat of vaporization and    is the vapor generation rates, at the respective 
evaporators.  The primary and secondary fluid subscripts, PF and SF, apply, respectively.  If the 
secondary fluid is the same as the primary fluid, Eq. (5) would nearly reduce to being equivalent 
to the entrainment ratio, ω, given by Eq. (1).  If the secondary and primary fluids are different, 
the latent heats are different, as are the properties of the chosen fluids.  If the fluids are carefully 
selected, the COP could theoretically be increased by a multiplier equal to the ratio of latent 
heats in Eq. (5).  If the secondary fluid‟s latent heat is much greater than the primary fluid‟s 
latent heat, then the cycle efficiency could be greatly increased if the same entrainment ratios are 
achieved as in the single fluid ERC. 
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2.5 Performance Characteristics 
The overall performance of the ERS is most dependent on the efficiency of the ejector used in 
the system.  Tightly coupled with the ejector efficiency is the entrainment ratio of the ejector, 
which is thought to be limited by the ejector design‟s critical back pressure, as concluded by 
Munday et al. [4].  At any condenser pressure below this critical pressure, the entrainment ratio 
remains the same as shown in Fig. 2.4.  This is thought to occur due to the secondary flow 
choking within the mixing chamber.  When the ejector is operated under these conditions, a 
transverse shock wave exists at some position near the exit of the mixing chamber creating the 
compression effect and reverting some of the kinetic energy back into pressure.  If the condenser 
pressure is further reduced, the shock wave will tend to move towards the subsonic diffuser.  If 
the condenser pressure is increased, the shock wave will tend to move back towards the nozzle, 
interfering with the mixing of the two flow streams.  At these conditions, the secondary flow is 
no longer choked, but instead drops off dramatically in flow rate.  At condenser pressures even 
higher still, the flow will reverse back into the evaporator and the ejector will cease to function.  
Fig. 2.4 illustrates a typical trend of COP with condenser pressure, as just described. 
 
Figure 2.4 ERS COP variation with condenser back pressure 
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 When the ejector is operating at conditions where the condenser pressure is below the 
critical pressure, then the mixing chamber flow is always choked, a shock wave always exists, 
and the secondary flow rate is completely independent of the downstream flow into the 
condenser.  Therefore, the secondary mass flow rate can only be increased by increasing the 
refrigerated temperature, and ultimately the evaporator pressure for a given system.  This critical 
condenser pressure is tightly coupled to the momentum and pressure of the mixed flow stream, 
and can therefore only be increased by increasing the boiler or evaporator temperature and 
pressure. 
 If the boiler temperature and pressure are reduced from a given set of operating 
conditions, the primary flow rate will decrease.  If the condenser pressure is maintained at 
critical conditions, the cooling capacity will remain constant, and since a reduction in HTE 
power follows a reduction in HTE operating conditions, the COP will be increased.  However, 
since the momentum of the motive stream is greatly reduced, then the critical condenser pressure 
is greatly reduced.  But, if the evaporator pressure and temperature can be increased, typically 
limited by refrigeration needs, then the critical back pressure can be increased.  Theoretically this 
will increase entrainment ratio, and in return the cooling capacity and COP, but at the expense of 
a higher refrigeration temperature.  Figure 2.5 illustrates the typical trends associated with the 
system COP as the high temperature (HTE) and low temperature evaporators‟ (LTE) pressures 
are varied. 
12 
 
 
Figure 2.5 Effects of operating conditions [6] 
 According to the performance characteristics discussed here, it can be concluded that it is 
most desirable to operate the ejector right at or as close as possible to the critical condenser 
pressure.  Figure 2.6 illustrates a typical performance map as a function of operating conditions.  
A single point on the diagram represents the systems COP operating at critical condenser 
pressure. 
 
Figure 2.6 Theoretical performance map of ejector at different operating conditions [6] 
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 Aside from the operating conditions, the ejector‟s geometry is the other primary influence 
on the ejector performance.  Keenan et al. [7] found that the axial positioning of the primary 
nozzle heavily influenced the ERC cooling capacity and COP.  From their experimental 
investigation, it was observed that moving the primary nozzle out of the mixing chamber caused 
the system COP to increase at the expense of critical condenser pressure decrease.  Under a 
single set of operating conditions, there exists an optimum primary nozzle position; however one 
optimum position does not exist for a range of operating conditions.  Aphornratana et al. [8] 
found interesting results when experimentally investigating the effects of the primary nozzle 
position on system performance.  From the results of their experiments, they were able to 
conclude three things: 
 For fixed boiler and condenser conditions, the evaporator temperature and pressure 
decreased as the primary nozzle was moved towards the mixing chamber.  There exists a 
minimum temperature and further movement beyond the minimum results in an increase 
in evaporator temperature. 
 For a fixed nozzle position, the evaporator temperature varies proportionally to the 
condenser pressure and inversely proportional to the boiler pressure.  The effects of boiler 
and condenser pressure tend to reduce at positions further into the mixing chamber. 
 It was concluded that the optimum nozzle position is directly dependent on the boiler and 
condenser pressures only.  Increasing the condenser pressure or decreasing the boiler 
pressure moved the optimum position into the mixing chamber, and vice versa. 
However, it was later discovered that the optimum nozzle position also was slightly dependent 
on the secondary flow rate as well.  Their results showed the optimum nozzle position to be 
slightly different from the widely accepted value, but was thought to have been different due to a 
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large difference in relative boiler pressures commonly used [8].  It was also verified that the 
critical condenser pressure can be increased by utilizing a longer and larger mixing chamber and 
a longer, smaller diameter throat section. 
 The previous discussions show how the ejector‟s efficiency is dependent on both the 
operating conditions, as well as the ejector‟s geometry.  One constraint met is the constant 
geometry of the ejector.  As the ejector is designed to operate at a specific set of operating 
conditions, the conditions may change and therefore will drive down the efficiency of the ejector, 
potentially ceasing to function totally.  Sun [9] proposed a variable geometry ejector to overcome 
this constraint, which is an ejector that has the ability to change geometry to perform optimally 
in a range of operating conditions.  Their theoretical results showed much better efficiency could 
be gained from such a device, but did not thoroughly discuss what such a device would look like, 
or the mechanism for the geometry change.  The variable geometry ejector‟s performance 
characteristics changed slightly in that increasing the condenser pressure, the efficiency did not 
drop abruptly as in the fixed area ejector.  Instead, there was more of a gradual decrease in 
performance when operating conditions change from the design point. 
2.6 The Multi-Fluid Ejector 
In past research, most ejectors were typically operated with a single fluid serving as both the 
primary and secondary fluids.  The potential for a two fluid system is proposed with a general 
theoretical model, with the belief that the difference in working fluids will offer multiple levels 
of advantage.  The carefully selected fluid pair could offer the following unique advantages over 
a single fluid ERC: 
 Increased COP, according to Eq. (5) by using immiscible fluid pairs with different latent 
heats. 
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 Mitigation of highly inefficient kinetic energy loses and shock wave loses in prior ejector 
systems by optimally designing the ejector geometry for a particular fluid pair, based on 
differences in molecular weights. 
Regarding the fluid selection, the primary fluid should be one selected of high molecular weight 
(greater than 300 g/mol) and a low latent heat (less than 80 J/g).  The secondary fluid should be 
one selected for low molecular weight (less than 20 g/mol) and high latent heat (greater than 
2400 J/g).  These two fluids should also be immiscible and have low global warming potential.  
An immiscible fluid pair selection is important in order to be able to utilize a gravity based 
separation method and to avoid energy intensive separation processes.  Referring back to Eq. (5), 
a much higher COP can be achieved by selecting a secondary fluid with a latent heat far greater 
than the primary fluid. 
 Arbel et al. [10] suggests that entropy minimization should be used as a design criteria 
for optimally designing ejectors.  The authors identify three main sources of entropy generation 
in the ejector:  mixing, kinetic energy losses and supersonic-to-subsonic shock wave loses.  The 
entropy gains due to mixing are unavoidable at this point, but the latter two sources of entropy 
generation may be mitigated [10] by the careful selection of a fluid pair for the multi-fluid ERS.  
Typically, the ejector is designed to operate at the condenser critical pressure, meaning that the 
secondary flow will be choked at some point in the supply duct or mixing chamber.  With a 
single-fluid ERS, this problem is inherent.  However, with a two-fluid system, the secondary 
fluid has a much higher molecular weight than the primary fluid, and therefore the secondary 
flow stream can reach the velocity of the primary flow stream before reaching the sonic limit of a 
converging duct first, thus reducing kinetic energy loses associated with the shear mixing 
process. 
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III. Theoretical Modeling 
3.1 General Thermodynamic Model 
Many researchers in the past have outlined the development of the mathematical modeling used 
to design ejectors.  Review shows that there are two traditional approaches to designing the 
ejector; the model that includes mixing of the primary and secondary stream at constant pressure 
or constant area.  Models that utilize the constant pressure assumption are more prevalent among 
researchers because it is believed that the efficiency of the constant pressure ejector is superior to 
that of the constant area [11].  The predictions of the constant pressure model seem to correlate 
much better with experimental data than the constant area model.  The basis for the constant 
pressure model was first proposed by Keenan et al. [7].  From this original model, many 
researchers [4-7] have found modifications to the model that tend to increase in prediction 
accuracy.  Therefore, the constant pressure model will be used here forward.  The model is based 
on the Quasi 1-Dimensional Gas Dynamics model and can be found in a number of literature 
studies [11], but will differ from most models found elsewhere in that it will be general enough 
to design a multi-fluid ejector rather than only a typical single fluid.  However, when the single 
fluid assumption is applied, the model takes on a similar form as to what has been derived in the 
past. 
 The constant pressure model is based on the following assumptions: 
 The primary and secondary streams expand isentropically through the nozzles.  Also, the 
mixture stream compresses isentropically in the diffuser. 
 The primary and secondary fluid streams are saturated vapor and their inlet velocities are 
negligible. 
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 Velocity of the compressed mixture leaving the diffuser is negligible. 
 Constant isentropic expansion exponent and ideal gas behavior. 
 The mixing of the primary and secondary vapor takes place in the mixing chamber and 
completed before the presence of the shock wave. 
 The walls of the ejector are considered an adiabatic boundary. 
 Friction losses are defined in terms of isentropic efficiencies in the nozzle, diffuser, and 
mixing chamber. 
 The ejector flow is one-dimensional with variable cross-sectional area (Quasi-1-D), and 
operating at steady-state conditions. 
 At position 1, or the NXP, the static pressure of the two flow streams is assumed to be 
uniform. 
 
Figure 3.1 Mixing chamber control volume for quasi-1-D analysis 
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For the control volume shown in Fig. 3.1, the sum of the mass flow rates into the given control 
volume is equal to the sum of the mass flow rates out of the same control volume, i.e., 
                      (6) 
where    is the mass flow rate of any flow stream in or out of the control volume, ρ is the fluid‟s 
local density, A is the cross sectional area of the control volume‟s two boundaries, U is the local 
velocity at the control volume boundary, and subscripts 1 and 2 denote the entrance and exit of 
the control volume, respectively.  Similarly for the same control volume, the well known 
conservation of momentum equation is given by 
                            (7) 
where P is the local static pressure.  Additionally, the conservation of energy is given by 
   
  
 
 
    
  
 
 
     (8) 
where h is the local enthalpy, and the ideal gas law is given by 
           (9) 
where R is the gas constant and T is the local temperature.  The gas constant, R, is related to the 
molecular weight of the gas and the universal gas constant,   , by the relationship 
   
  
  
      (10) 
Additionally, there are a few more important parameters to be considered with dealing with 
velocities comparable to the local sound speed.  The dimensionless Mach number is defined as 
the ratio of fluid velocity to the local sound speed, a, i.e., 
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      (11) 
where the local sound speed, a, is given by: 
            (12) 
where T is the local temperature of the medium and γ and R are the specific heat ratio and gas 
constant of the medium, respectively. 
 When the primary fluid flows through the nozzle, the contact time is very short.  Heat 
transfer between the fluid and nozzle can be neglected and if the frictional loss is not considered, 
the isentropic relationships have been established.  For an isentropic flow of an ideal gas, it can 
be shown that 
 
  
              (13) 
where γ is the specific heat ratio of the fluid, which is taken as constant for a given fluid.  Using 
the conservation equations, and the isentropic relations previously established, the local pressure, 
temperature, and density can be related to their stagnation conditions by a series of isentropic 
flow functions.  Introducing these functions, it should be noted that the subscript „o‟ denotes 
local stagnation conditions.  It can be shown that these stagnation properties are constant 
throughout an isentropic flow field under steady-state conditions, which allows for a relationship 
between the conditions at the evaporators and the local conditions along the length of the ejector, 
to be established.  They are given as follows: 
Pressure:               
  
 
    
   
 
   
 
    
         (14) 
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Temperature:    
  
 
   
   
 
            (15) 
Density:    
  
 
    
   
 
   
 
    
                    (16) 
The phenomena known as choking occurs in a convergent duct.  Physics restricts that a subsonic 
flow moving through a convergent duct cannot accelerate beyond the local sound speed.  When 
the flow velocity becomes equal to the local sound speed at the smallest cross-sectional area of 
the duct the flow is said to be choking, the Mach number is equal to 1 and the velocity requires a 
divergent duct in order to accelerate beyond the local sound speed.  Therefore, a convergent-
divergent duct, or in other words a nozzle in this case, can be used to accelerate a fluid flow to 
supersonic speeds.  The fluid flow is induced by the downstream pressure being lower than the 
upstream pressure, which according to our previous assumptions, is assumed to be constant and 
stagnant (i.e. upstream velocity ≈ 0).  Figure 3.2 illustrates graphically the pressure, temperature 
and velocity distributions associated with the convergent-divergent nozzle.  Po and Pe shown in 
Fig. 3.2 represent the stagnation and exhaust pressures, respectively.  If the exhaust pressure is 
only slightly lower than the supply pressure, then the flow rate will be relatively low.  If the 
downstream pressure is further lowered the speed at the throat of the nozzle will become choked 
at the local sound speed, and conditions will be denoted as critical conditions.  This is the point 
when the maximum mass flow rate is reached for the given stagnation conditions upstream of the 
nozzle. 
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Figure 3.2 Isentropic supersonic nozzle flow [12] 
Since the flow speed is choked at the local sound speed, the Mach number becomes unity.  If this 
value for the Mach number is plugged into Eqs. (14 - 16), then relations for the critical pressure, 
temperature and density can be obtained as a function of stagnation conditions and fluid 
properties only.  They are of the form: 
Pressure:    
  
  
  
 
   
 
 
    
     (17) 
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Temperature:    
  
  
 
 
   
      (18) 
Density:    
  
  
  
 
   
 
 
    
     (19) 
With these critical condition equations, the minimum pressure ratio across a given converging-
diverging duct that will induce sonic choking at the throat, can be calculated. 
3.1.1 The Primary Nozzle 
The mass flow rate associated with the critical conditions is the maximum attainable mass flow 
rate for the given upstream stagnation conditions and can be found from relationship 
               (20) 
where At is the cross-sectional area of the throat of the nozzle.  Using the critical condition 
equations given above, the definition of the Mach number, Eq. (20) becomes 
         
 
   
 
 
   
 
   
    
    (21) 
It should be noted that the maximum primary flow rate is proportional to the stagnation pressure, 
but inversely proportional to the square root of the stagnation temperature.  This indicates that 
the maximum primary flow rate is increased by a larger amount when the saturation conditions 
are increased at higher levels of stagnation conditions.  What this means for the ejector, is that at 
higher operating temperatures the additional power input required to raise the temperature a few 
degrees will be increased by much larger increments as the saturation temperature climbs. 
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 Once critical conditions exist at the nozzle throat, the divergent section of the nozzle will 
accelerate the flow speed to beyond sonic speed.  Since the function of the nozzle in an ERS is to 
expand the primary flow to supersonic speeds, it is necessary to determine a relationship between 
the exit plane cross-sectional area of the nozzle and the exiting Mach number desired.  
Considering the conservation equations and the stagnation-critical condition relationships, the 
nozzle exit plane (NXP) area can be shown to be 
 
   
  
 
 
 
 
   
  
 
   
   
   
 
    
   
   
    
   (22) 
where the subscript 1 denotes at the NXP and p denotes the primary flow stream.  This equation 
is given in standard gas dynamics text [12], but does not take into account losses due to friction.  
The performance of an ejector can be defined in terms of the entrainment ratio, or the ratio of the 
entrained vapor mass flow rate to the mass flow rate of the primary fluid stream, i.e., 
  
   
   
 
    
   
    
   
 
   
    
 
   
 
  
  
 
             
         
    (23) 
where f1 is the function defined as 
              
   
 
    
   
   (24) 
Typically, throughout ejector research, there have been two main models for the mixing of the 
two flow streams.  There is a constant pressure mixing model and a constant area mixing model.  
The constant pressure mixing model will be the model under investigation in this study. 
3.1.2 Mach Numbers at the NXP 
Let the isentropic efficiency of the primary nozzle be defined as [13]: 
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      (25) 
where ho,p is the stagnation enthalpy of the primary flow stream, h1,p is the exiting primary flow 
stream enthalpy under real conditions and h1i,p is the exiting primary flow stream enthalpy under 
isentropic conditions.  Considering 
           (26) 
where Cp is the constant pressure heat capacity.  Eq. (25) can be rewritten as 
   
   
   
 
  
   
    
   
     (27) 
Substituting Eqs. (14-15) into Eq. (27), the isentropic pressure ratio across the primary nozzle 
can be expressed as 
   
   
    
 
  
 
 
     
    
 
   
  
 
  
    
 
   (28) 
Recall that the mass flow rate through the primary nozzle can be expressed similarly to Eq. (6), 
or with ideal gas law and the definition of the Mach number, it can be expressed as 
           
  
     
 
   
    (29) 
Now, utilizing Eq. (29) and mass conservation through the nozzle, a new relationship for the 
NXP area to the nozzle throat area can be expressed in terms of the isentropic efficiency of the 
nozzle, as follows 
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  (30) 
Compare this equation to Eq. (22), in which the nozzle efficiency is not taken into account.  Eq. 
(28) can be rearranged to show the exiting Mach number of the primary fluid as a function of the 
pressure ratio across the nozzle as 
      
 
    
 
 
 
 
 
       
  
   
 
    
   
 
        
  
   
 
    
   
 
 
 
 
 
 
    (31) 
where the subscript „p‟ has been dropped from the pressure term at the NXP due to the 
assumption of uniform static pressure at this location.  Applying the energy conservation 
equation between the LTE and the nozzle exit plane, it can be shown that the secondary flow 
stream Mach number is expressed as 
       
 
    
   
    
  
 
    
   
       (32) 
3.1.3 Mixture Property Model 
After the mixing process has taken place, the fluid properties are now of the uniform mixture and 
can be estimated based on the mass fraction of the mixture.  Here, the Gibbs-Dalton mixture 
model for ideal gases has been employed [14].  The gas constant and heat capacity ratios can be 
determined from the following relationships of 
   
      
   
      (33) 
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3.1.4 Area Relations 
Under the constant assumption of uniform pressure at the NXP, it can be concluded that P1,s = 
P1,p = P1.  Going back to Eq. (23), it can be rearranged for the ratio of the areas of the flow 
stream exits at the NXP in terms of the entrainment ratio as 
    
   
  
    
   
 
   
 
  
  
 
   
         
          
     (35) 
Mass conservation requires that 
                (36) 
where subscript „m‟ denotes the fluid mixture post-mixing.  Often when designing the constant 
pressure mixing ejector, it is useful to express the ratio of mixing chamber exit area to primary 
nozzle throat area in terms of the entrainment ratio.  Similarly as in the case with Eq. (35), using 
Eqs. (23) and (36), the ratio of mixing chamber exit area to nozzle exit area can be derived as 
  
  
      
   
      
       
     
  
 
 
    
 
    
    
 
        
   (37) 
where f1 is defined in Eq. (24).  The stagnation temperature of the mixed stream, in Eq. (37), can 
be determined by an alternate form of the energy equation, expressed as 
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     (38) 
3.1.5 Mixture Mach Number 
A useful relation comes from the fact that an adiabatic flow stream exists and the flow stream is 
reduced down to M = 1, then the temperature at this point becomes T*, where the * denotes the 
characteristic quantity.  The sound speed at which the M =1 comes from Eq. (12), where T is 
replaced by the characteristic temperature T* as follows 
              (39) 
which is derived in all standard gas dynamics text [12].  In order to determine the Mach number 
of the mixture, use conservation of momentum on a control volume enclosing the mixing 
chamber gives 
                           (40) 
where the subscript „3‟ denotes the position at the exit of the mixing chamber, just before the 
shock wave and ηm is the mixing efficiency.  Substituting Eqs. (23) and (36), the momentum 
equation becomes 
   
 
  
 
         
   
      (41) 
Substituting the definition of the critical sound speed from Eq. (39), Eq. (41) can be written as 
  
  
 
  
 
 
 
 
 
   
       
  
  
  
  
  
    
   
 
    
    
 
     
    
          
 
          
      
  
          
      
 
    
   
 
 
 
 
 
 
  (42) 
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where the characteristic Mach number is related to the actual Mach number by the relationship 
    
       
         
     (43) 
Using Eqs. (42) and (43), the Mach number after the mixing process can be obtained.  If this 
Mach number is greater than unity, then a normal shock wave will exist at the exit of the mixing 
chamber.  Because of the assumption of complete mixing before the shock wave, from this point 
subscripts denoting individual flow streams are meaningless and a uniform static pressure will 
exist after the mixing has taken place.  The conditions after the shock wave can be determined 
from typical gas dynamics relations; namely the momentum and energy balance across the shock 
wave: 
  
  
  
  
 
    
 
   
    
   
   
     (44) 
  
  
 
      
 
      
      (45) 
where subscript „3‟ denotes pre-shock position and „4‟ denotes post-shock position. 
3.1.6 Subsonic Diffuser 
Similarly as in the primary nozzle, by using the definition of isentropic efficiency, the pressure 
lift ratio across the diffuser can be derived from the momentum equation as follows 
  
  
  
        
 
  
    
  
    
 
   (46) 
where Pb is the exhaust pressure of the ejector and ηd is the isentropic efficiency of the diffuser. 
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3.2 Solution of Equations 
The equations presented in the previous sections may be used for a multi-fluid system, but if a 
single fluid system is desired, the equations reduce to the commonly used set of equations 
presented in virtually most ejector model publications, such as the model presented by Eames et 
al. [6].  It is assumed that the initial pressure and temperature of the two fluids are known, as 
well as the flowrates of both fluids.  Although there are more unknowns than equations, an 
iterative process as shown in Fig. 3.3 can be used to derive a solution.  The following procedure, 
outlined by Eames et al. [6], can be used in order to determine the exhaust pressure of the 
ejector. 
1. First, guess a value of the pressure at the NXP, Pnxp. 
2. Calculate the Mach numbers of the primary and secondary fluids at the NXP, Mp,1 and 
Ms,1, using Eqs. (31) and (32). 
3. Calculate the Mach number of the fluid mixture, M3 using Eqs. (42) and (43). 
4. Calculate the Mach number of the fluid mixture after the shock wave, M4, using Eq. (44). 
5. Calculate the pressure lift ratio, P4/P3, across the shock wave using Eq. (45). 
6. Calculate a pressure lift ratio across the diffuser using Eq. (46). 
7. Using the pressure ratios and the known pressures, the exhaust pressure, Pb, can now be 
determined. 
8. Go back to step 1. and repeat process using a new value of Pnxp until Pb is equal to the 
design parameter. 
9. Calculate the ejector cross sectional areas utilizing Eqs. (21), (30), (35), (37), and (38). 
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Figure 3.3 Equations solution procedure 
The isentropic efficiencies for the nozzle, the mixing chamber, and the diffuser should be chosen 
based on experimental data.  If the surface roughness of the inner surfaces inside the ejector are 
very smooth, then experimentation has shown the efficiencies to be approximately 0.95, 0.85, 
and 0.85 for the nozzle, diffuser, and mixing chamber, respectively.  It should be noted, however, 
that this design method is only accurate when the ejector is operated at the precise designed 
conditions, and operating at critical backpressure. 
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IV. Experimental Investigation 
4.1 Phase I – Prototype I 
4.1.1 Prototype I Design Based on Theoretical Performance 
Using the system COP, which is given by Eq. (5), the refrigeration performance of the ERS can 
be evaluated using equations described in section 3.1 calculation procedures outlined in section 
3.2.  Figure 4.1 shows the simulation results with the theoretical system COP plotted against the 
condensing temperature in the condenser.  From the results shown in Fig. 4.1, the following can 
be observed: 
1. An ERS designed with the same ejector area ratios, as given by Eq. (3), with a given LTE 
temperature, will operate at a higher COP and a lower back pressure, or condensing 
temperature, if the temperature in the HTE is lowered. 
2. An ERS with the same ejector area ratios, determined by Eq. (3) and with a given HTE 
temperature, can operate at a higher COP and a higher condenser temperature if the LTE 
temperature is higher. 
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Figure 4.1 Operating temperature effect on theoretical COP of ERS 
From the simulation outlined in the previous section, an ejector was designed similar to the 
sketch in Fig. 4.2.  Multiple parts were made for the diffuser throat section to allow for testing 
the effect of the size of the diffuser throat.  Similarly, different sized nozzles were designed, both 
for the single fluid system, as well as a nozzle for the multi-fluid system.  Figure 4.2 is a sketch 
of the experimental ejector designed, with all critical geometries labeled as shown in Table 4.1. 
 
Figure 4.2 Schematic of nozzle and diffuser for Prototype I 
26 28 30 32 34 36 38
0.2
0.3
0.4
0.5
0.6
0.7
0.8
0.9
1
Condenser Temperature [C]
T
h
e
o
re
ti
c
a
l 
C
O
P
 (
E
n
tr
a
in
m
e
n
t 
R
a
ti
o
)
 
 
Tevap = 5 C
Tevap = 7.5 C
Tevap = 10 C
Tboil = 120 C
Tboil = 125 C
Tboil = 135 C
Tboil = 130 C
Tboil = 140 C
33 
 
Table 4.1 Prototype I parts dimensions 
 
4.1.2 Experimental Setup – Prototype I 
Figures 4.3 and 4.4 shows the experimental setup that was used during testing of the 1
st
 ejector 
prototype, or ERS I.  The testing rig consists of seven principle components: a high temperature 
evaporator, a low temperature evaporator, a condenser, a pumping subsystem, a pressure-tap 
manifold, and the ejector.  Power is input into the high temperature evaporator to create the high 
pressure, high temperature vapor that is the primary flow stream and the power level is 
monitored used a high speed data acquisition system in order to determine the energy input.  The 
same is true for the low temperature evaporator and with the power levels information, the ERS 
COP can be determined.  The condenser is necessary for heat rejection to a lower temperature 
sink, namely a water source.  The pumping subsystem is required in order to recycle the 
condensed fluid back to the HTE and LTE in order to keep the cycle operating.  The pressure-tap 
manifold subsystem allows for pressure measurements along the length of the ejector in order to 
better understand the flow patterns through the ejector. 
Parts List
Throat Exit
Diameter [mm] Diameter [mm] Inlet Diam [mm]
Nozzle 2.20 15.56 Secondary
3.30 23.30 Nozzle 80
Diffuser 42.50 88.90
28.00 88.90
18.00 88.90
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Figure 4.3 Photograph of Prototype I experimental setup 
 
Figure 4.4 Schematic of Prototype I experimental setup 
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4.1.2.1 High Temperature Evaporator (HTE) 
 In order to simulate the evaporation in a hot-water-powered high temperature evaporator 
(HTE), a boiler embedded with a high power resistance heater was used to generate the high 
pressure, high temperature vapor.  The boiler was a 6 O.D. x 30 length x ¼ inch thick glass tube 
with draw-bolts and stainless steel endplates compressing a 
3
/16 inch thick Santoprene rubber 
seal.  The boiler was outfitted with a single 2.5 kW heater, which was controlled by a variable 
voltage transformer.  Inside, there was a type T thermocouple, a pressure transducer (Range: 0-
350 kPa ± 0.3 kPa) and a liquid level switch to control the pumping subsystem.  The glass simply 
allowed for visual observations, but using the glass shell, safety was a concern, so a wooden 
enclosure was built and stuffed with several inches of fiberglass insulation.  At the inlet, a check 
valve prevents backflow.  There is also a drain/charging port with a ¼ inch ball valve.  The 
boiler was designed to operate in the temperature range of 85–120 °C.  Vapor leaves the vessel 
through a 
3
/8 inch inner diameter copper tubing.  The vessel was tested up to 350 kPa prior to 
use.  The power input to the boiler was measured with an accuracy of ± 3% of the measurement. 
4.1.2.2 Low Temperature Evaporator (LTE) 
 In order to simulate the evaporator for cooling, a low temperature boiler which can 
simulate the low temperature evaporator was used to vaporize refrigerant and produce cooling. 
The low temperature boiler was a 4.5 O.D. x 22 length x ¼ inch thick glass tubing with draw-
bolts drawing together stainless steel endplates compressing a 
3
/16 inch thick Santoprene rubber 
seal.  The low temperature boiler was outfitted with a single 2.5 kW heater, which was controlled 
by a variable voltage transformer.  Inside, there was a type T thermocouple, a pressure transducer 
(Range: 0-35 kPa), and a temperature control sensor for a thermally controlled expansion valve. 
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 The vessel was wrapped in 1 inch thick fiberglass insulation to avoid heat gains to the 
vessel.  At the inlet there is a thermally controlled expansion valve, which regulates flow rate 
based on the saturation temperature present in the low temperature boiler.  There is also a 
drain/charging port with a ¼ inch ball valve.  Vapor leaves the vessel through a ¾ inch diameter 
port.  The power input to the low temperature boiler was measured with an accuracy of ± 3%. 
4.1.2.3 Condenser 
The condenser was a tube-in-shell style unit that was designed for 5 kW of heat removal at 
temperature difference of 40°C.  The vessel was a 6 O.D. x 36 length x 
3
/16 inch glass tube with 
tension rods drawing together two ½ inch thick stainless steel end plates compressing a 
3
/16 inch 
thick Santoprene rubber seal.  The condenser‟s inlet port was 3.5 inch I.D. and had a ½ inch 
outlet port.  Tap water was used as a cooling fluid, which came in at approximately 23°C, but 
with the help of a heat exchanger and cooling bath, the cooling water inlet temperature of the 
condenser could be maintained as low as 12°C.  The back pressure of the condenser could be 
controlled by restricting the flow rate of the water or increasing the set-point temperature on the 
chiller.  The Chiller used was a Maxicool RC150-C0021 with a diaphragm pump capable of 
delivering 1.5 gpm at 16 psi of system pressure.  The condenser drains into a reservoir with a 
capacity of 1 US GAL. 
4.1.2.4 Ejector 
The body of the ejector consists of a nozzle, mixing chamber, and diffuser.  The mixing chamber 
and diffuser were made from four sections of stainless steel stock that all mate together with 
flanged connections and seal with a 
1
/8 inch thick Buna N o-ring and held together by 
M5x0.8x14 size bolts.  The nozzle is mounted on a moveable shaft that has a 
3
/8 inch inlet 
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diameter.  Two sizes of primary nozzles were used, a 2.2 and a 3.3 mm throat, both with an area 
exit to area throat ratio of 50.  Two diffuser throat diameters were used, one of 28 mm and the 
other 18 mm. 
4.1.2.5 Additional System Components 
System piping was changed from flexible tubing with barbed hose fittings to harder tubing with 
ferrule style compression fittings, at connection points, in order to maintain an acceptable level 
of vacuum, with minimal air leaks. 
The pressure-tap manifold subsystem consisted of nine small ball valves, three manifolds, 
and three pressure sensors with a range of 0-35 kPa and an accuracy of +/- 0.08 % of the 
applicable range.  In the ejector itself, nine pressure-taps were put in, in order to measure the 
pressure profile across the ejector in greater resolution, and potentially locate the position of 
anomalies such as the shock wave typically present in such a system.  Tubing of 
1
/16 inch inner 
diameter was used to connect the pressure-taps to the pressure transducer manifolds. 
The pumping subsystem consisted of a pump, a power relay, a control switch and a liquid 
reservoir.  The liquid reservoir was positioned just under the drain end of the condenser and had 
liquid level sight glasses.  The pump was a 
3
/16 horsepower diaphragm pump with a max flow 
rate of approximately 1.4 gpm, which was used to pump liquid back to the high temperature 
boiler.  A power relay and liquid level float control switch turned the pump off and on to 
maintain the liquid level in the high temperature boiler at a level adequate for the safe operation 
of the resistance heaters.  The check valve between the pump and boiler ensured no backflow of 
hot liquid through the pump and to the separator.  Utilizing the negative pressure differential 
across the low temperature boiler and reservoir (i.e. condenser pressure), liquid refrigerant can be 
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drawn back to the low temperature boiler without the aid of an outside power source and 
regulated by means of a thermally controlled expansion valve. 
4.1.2.6 Testing Procedure – Phase I 
A National Instruments Data Acquisition system was used to collect voltage measurement 
samples from the various pressure transducers for pressure measurement, type T thermocouples 
for temperature measurement, and a flow meter measuring the flow rate of the condenser cooling 
water, and a LabVIEW project was created to collect the data.  In order to prepare the test rig for 
a test run, the following procedure would be followed: 
1. Set the NXP position the night before and generate a vacuum in the system 
approximately equal to the saturation pressure of the working fluids at the room 
temperature.  This way, any pressure increase would indicate a system leak, rather than 
evaporation of the working fluids under the low pressure.  The pressure level would be 
measured with a MKS 910 DualTrans MicroPirani/Absolute Piezo Vacuum Transducer, 
and recorded throughout the night (10+ hours) to ensure the o-ring‟s sealing integrity 
after the repositioning of the nozzle. 
2. If the system has maintained a leak rate of less than 1 Pa/min for the entire night, then the 
system vacuum is deemed acceptable and a new vacuum would be drawn, this time 
deeper and the vacuum pump is ran for an extended period of time to draw all air from 
the system, including air dissolved in the liquid. Although 1 Pa/min is acceptable, the 
experimental system under investigation typically achieves a leak rate less than 0.26 
Pa/min, or 16 Pa/hr. 
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3. The high temperature boiler and the low temperature boiler should be charged with their 
working fluids; if water is chosen, then it should be dionized water.  Additionally, the 
working fluid should be heated in the boiler, ran through the system, and pumped back 
several times in order to remove all of the dissolved air in the water.  While doing so, the 
air should be removed from the system by purging with the vacuum pump several times 
during the water cycling. 
4. The variable transformer controlling the boiler heater should be set to approximately 2 
kW, with the valve between the nozzle and high temperature boiler closed until 
conditions in the boiler reach the desired levels. 
5. The chiller and tap water are then turned on to begin circulation through the condenser, 
and the chiller is set to the desired temperature set-point. 
6. Once the desired conditions are reached, then the valve between the boiler and nozzle is 
opened.  If the pressure in the high temperature boiler falls below the desired level, the 
power to the boiler should be increased and vice versa if the pressure rises above the 
operating pressure, until equilibrium in the boiler is achieved for at least 15 minutes. 
7. At this point, the valve connecting the low temperature boiler to the ejector is opened and 
the pressure decrease is monitored in the low temperature boiler. 
8. After the pressure has fallen below the desired operating condition in the LTE, the 
variable transformer for the LTE heater is to be switched on and set to 500 W.  Similar to 
converging to steady-state conditions in the high temperature boiler, the power should be 
adjusted accordingly. 
9. Once both the high temperature boiler and the low temperature boiler have reached an 
equilibrium state for 30 min, all pressures, temperatures, and power input levels are 
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recorded for 20 additional minutes.  This process is repeated for all other operating 
conditions. 
10. The system should also be purged of any air that may have leaked in due to the thermal 
expansion and contraction of the sealed joints, every 1-2 hours of testing. 
4.1.3 Results and Discussion 
Tests on Prototype I, with steam as the single working fluid, were conducted to determine the 
effects of the vapor temperature in the HTE, the evaporation temperature in the LTE and 
condenser temperature.  In each case, the procedure outlined in the previous section was 
followed.  Table 4.2 shows the experimental results for a diffuser with a throat diameter of 28 
mm.  The power inputs were measured in real time by sampling the RMS voltage drop, V, across 
each heater, as well as the current, I, through each.  With these measurements, the system COP 
based on electrical measurements can be calculated by 
    
        
        
     (49) 
although this calculation of COP by Eq. (49) is the worst case scenario since it includes any 
unwanted heat gains/losses to the environment.  Because of this, the system COP should be 
higher than the one based on electrical measurements defined by Eq. (49).  Here, the 
experimental system‟s performance is compared to the theoretical performance predicted by the 
modeling by way of an area ratio calculation based on experimental conditions and performance. 
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Table 4.2 Experimental results and prediction – Prototype I (diffuser with a throat diameter of 28 mm) 
 
Comparison with Theoretical Model Prediction 
Referring to Table 4.2, the last two columns contain data for calculations from the theoretical 
model based on the measured operating conditions and COP values measured with an accuracy 
of ± 4%.  The actual experimental ejector had an area ratio of diffuser throat to nozzle throat of 
72.  The theoretical model typically predicts the results with less than 25 % error, which should 
be accurate enough to consider the model validated for design purposes.  However, the system 
COP from the experimental investigation includes all the system heat gains and losses; therefore 
it is hard to directly compare the experimental data with the prediction. 
 Table 4.3 contains the comparison of the experimental data for the diffuser with a throat 
diameter of 18 mm, to the theoretical prediction.  All things considered, the error between the 
calculated area ratio and the actual area ratio is typically less than 25%. 
 
 
 
Calculated
NPX [mm] HTE LTE Condenser HTE/LTE Condenser/LTE COP Area Ratio % error
80 58.7 1.23 2.06 47.7 1.7 0.06 57 21%
80 78.9 1.23 2.30 64.1 1.9 0.09 69 4%
80 78.1 1.71 2.47 45.7 1.4 0.19 65 10%
90 58.5 1.23 2.00 47.6 1.6 0.05 59 18%
90 58.5 1.71 2.07 34.2 1.2 0.10 58 19%
90 79.5 1.23 2.28 64.6 1.9 0.10 71 1%
90 79.7 1.71 2.39 46.6 1.4 0.19 68 6%
103 58.0 1.23 1.95 47.2 1.6 0.05 60 17%
103 58.0 1.71 2.03 33.9 1.2 0.13 59 18%
103 77.6 1.23 2.20 63.1 1.8 0.08 72 0%
103 77.3 1.71 2.32 45.2 1.4 0.19 69 4%
120 60.1 1.23 1.97 48.9 1.6 0.06 62 14%
120 60.9 1.71 2.06 35.6 1.2 0.22 61 15%
120 77.6 1.23 2.12 63.1 1.7 0.04 75 4%
120 75.3 1.71 2.32 44.0 1.4 0.17 67 7%
*Ejector had an actual area ratio of 72
Theoretical Data
Pressure [kPa] Pressure Ratio
Experimental Data
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Table 4.3 Experimental results compared to theoretical prediction. (Actual area ratio = 67) 
 
Due to the overwhelming uncertainty in whether or not the experimental data is a good 
representation of the validity of the theoretical modeling, an error analysis is done with reference 
to the work of Eames et al. [6].  Table 4.4 contains experimental data reported by Eames et al. 
[6], and in the far right columns, the error analysis for the current theoretical model under 
investigation.  The model shows good agreement with the data. 
Table 4.4 Theoretical Model Validation with data from Eames et al. [6] 
 
Effect of Operating Conditions 
Figure 4.5 shows how the system performance changes with increasing back pressure and 
varying HTE conditions, for the 18 mm diffuser throat diameter.  The resulting trends illustrate 
the well known critical back pressure phenomena observed by many researchers [4-8].  The COP 
is constant for a fixed set of HTE & LTE conditions with variable back pressure up until the 
LTE HTE Condenser COP (w/o heat Theoretical
Temp [°C] Temp [°C] Pressure [kPa] COP loss, estimate) Area Ratio
15 85 1.35 0.314 0.369 70
100 1.80 0.235 0.276 89
115 2.70 0.174 0.205 96
Temperature [°C] Pressure [kPa] Theoretical
LTE HTE Condenser Condenser COP Area Ratio Error
5 120 26.5 3.4 0.4044 83.0 7.8%
125 27.8 3.7 0.3442 88.7 1.4%
130 30.8 4.4 0.2756 86.1 4.3%
135 33.4 5.1 0.2513 85.1 5.4%
140 34.4 5.4 0.1773 93.2 3.6%
7.5 120 27.3 3.6 0.5004 79.7 11.4%
125 29.5 4.1 0.4189 80.9 10.1%
130 31.5 4.6 0.3553 83.2 7.6%
135 33.4 5.1 0.2965 86.6 3.8%
140 35.3 5.7 0.2334 88.8 1.3%
10 120 28.3 3.8 0.5862 76.8 14.7%
125 30.0 4.2 0.5374 80.6 10.4%
130 31.9 4.7 0.4734 83.1 7.7%
135 34.0 5.3 0.3892 84.5 6.1%
140 36.3 6.0 0.3093 85.2 5.3%
*The experimental ejector had an actual area ratio of 90.
43 
 
point of critical backpressure.  The results in Fig. 4.5 indicate that a higher COP can be achieved 
by decreasing the HTE saturation pressure at the expense of the critical condenser pressure.  The 
reduction in critical back pressure and increase in COP occurs due to the following reasons: 
1.  According to Eq. (21), the primary mass flow rate is proportional to the saturation 
pressure in the HTE.  And since the power input to the HTE is proportional to the 
primary mass flow rate, then reducing the saturation pressure of the HTE will allow a 
reduction in power input to the HTE and thus an increase in COP. 
2.  Decreasing the operating conditions in the HTE decreases the energy available for the 
momentum conversion of the primary flow stream.  With less momentum, the primary 
flow stream produces less of a force doing work against the backpressure of the 
condenser, thus reducing the critical backpressure. 
   
Figure 4.5 System performances as a function of back pressure (18 mm diffuser throat) 
Also, allowing the LTE temperature and pressure to rise, a higher cooling capacity could be 
obtained and thus a higher COP could be obtained, as well as a higher critical back pressure.  
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This increase in critical back pressure is thought to occur for the same reason as the higher HTE 
operating condition effects the back pressure; the higher temperature means higher absolute 
velocity, i.e. more momentum doing work against the back pressure of the condenser. 
Effect of Nozzle Positioning 
The primary nozzle exit position influences the system performance, but further extensive 
investigation is needed to determine an optimum position for a given HTE saturation 
temperature.  However, the preliminary test results show that a higher COP could be achieved 
for the lower HTE saturation temperatures by retracing the primary nozzle out of the mixing 
chamber.  An optimum nozzle position is likely to exist.  The NXP position is defined as the 
distance from the secondary nozzle inlet to the tip of the nozzle, normalized by the length of the 
mixing chamber. 
Effect of Diffuser Throat Area 
Typically, when an ERS is operated at a condenser pressure that is higher than the critical 
condenser pressure, then the COP begins to fall rapidly.  Further increase typically eventually 
results in back flow to the LTE.  Results show that the COP is tightly coupled with the condenser 
pressure.  For the current setup, the required backpressure could not be achieved.  One reason is 
believed to be caused by the over-sizing of the diffuser throat.  An additional diffuser with a 
throat diameter of 42.5 mm was tested, but critical condenser pressure was so low that 
temperatures in the LTE could not reach below 18 °C.  It is concluded that a diffuser with a 
smaller throat can improve the critical backpressure.  This was further investigated by using a 
new diffuser with a throat diameter of 18 mm. 
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Effects of Secondary Nozzle Inlet Area 
If the secondary nozzle inlet area is too small, the secondary fluid can easily become choked at 
lower temperatures causing the COP to be significantly less than what could be achieved.  The 
Prototype I had an inlet diameter of 
3
/4 inch, and COP values would be nearly zero at a LTE 
temperature of 5-10 °C. 
Additional Notes 
In additional to the experimental data and theoretical predictions presented above, the 
investigations conducted herein have obtained the following observations: 
1.  The surface of the shaft supporting the primary nozzle should be covered in a water-
resistant insulation to avoid unwanted heat losses from the motive stream. 
2.  The HTE, piping to the ejector, valves between the two, and also the outside of the 
primary nozzle housing should be wrapped in high temperature insulation. 
3.  The inlet of the secondary nozzle should be large enough so that choking of the 
secondary flow stream does not occur at the inlet. 
4.  If the nozzle exit area is too large and the motive stream is over-expanded, it is 
possible to cause fluctuations in the NXP pressure and cause unsteady conditions to exist 
LTE. 
5.  Thick rubber gaskets should be replaced often in the glass condenser as the tension of 
the rods cause the rubber to split and damage the sealing integrity. 
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6.  All threaded connections should be wrapped in Teflon tape and then painted with a 
thin coat of Leak Lock to ensure minimum system leaks from the surroundings. 
7.  Secondary nozzle inlet should be vertical, or the entire ejector rig vertical, in order to 
drain condensation in the nozzle housing back to the LTE.  If a fluid pair is used, then a 
vertical orientation of the test rig is better, while the vertical secondary inlet is good only 
for the single-fluid system. 
4.2. Phase 2 – Prototype II 
4.2.1 ERS II Design 
The experimental results for Prototype I show that the system COP is low.  In order to increase 
the system COP, the second ejector, shown in Fig. 4.6 was designed based on review of past 
investigator‟s work, the theoretical analysis and experimental investigation on Prototype I.  The 
design was primarily based on the design discussed by Chunnanond and Aphornratana [5], with 
a few modifications to be made to the mixing chamber and the diffuser.  Firstly, a convergent 
mixing chamber with only a single convergent angle was designed, as the effects of that 
geometry have not been explored in publications to date.  The steeper part of the converging duct 
may cause small vortices and/or momentum losses for the secondary flow stream, lowering the 
mixing efficiency.  Additionally, the diffuser used for the ERS I setup was used, which has an 
exit diameter approximately twice that of the one presented in their study [5].  The moveable 
nozzle was also redesigned from the design for ERS I, such that the nozzle could be easily 
moved between testing periods with very little effort and no need for disassembly.  Using this 
design, the theoretical model could be validated and the experimental results compared to 
47 
 
Chunnanond‟s results.  Table 4.5 summarizes the detailed dimensions of primary components for 
ERS II. 
Table 4.5 Detailed dimensions of the ejector sections for Prototype II 
 
 
Figure 4.6 Schematic of ejector sections for Prototype II 
4.2.2 Experimental Setup – ERS II 
The ERS II setup was very different from the ERS I setup, although the same basic components 
were used.  The system as shown in Figs. 4.7 and 4.8 consists of a high boiler simulating the 
temperature evaporator (HTE), a low temperature boiler creating the low temperature 
evaporation, a condenser, a pressure-tap subsystem, a pumping subsystem, a reservoir, and the 
ejector. 
ERS II Parts List (All dimensions listed in [mm])
Primary Nozzle 1 2
Throat Diameter 1.2 1.6
Exit Diameter 8 8
Diffuser
(b) Throat Diameter 19 19
(c) Exit Diameter 88.9 42.49
(f) Divergent Angle (total) 10° 10°
Secondary Nozzle
(a) Inlet Diameter 56.01
Constant Area Section
(b) Diameter 19 19
(e) Length 90 50
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Figure 4.7 Photographs of the Prototype II test rig 
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Figure 4.8 Schematic of Prototype II 
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4.2.2.1 High Temperature Evaporator (HTE) 
Similar to the Prototype I, a high temperature boiler was used to simulate the high temperature 
evaporator (HTE).  The HTE was constructed from 316 stainless steel and was 6 inches in 
diameter and 22 inches in length, for a total inside volume of 2.7 US Gallons.  The vessel was 
orientated in a horizontal fashion for a more compact design, and due to spatial limitations.  The 
vessel was outfitted with a 1 inch diameter outlet with a 1 inch stainless steel ball valve, a return 
fluid port, a temperature sensor port, a pressure transducer port, and a drain valve.  The pressure 
transducer and temperature sensor were the same used from the ERS II setup; a 0-350 kPa (±0.3 
kPa) range pressure transducer and a NPT mount type „T‟ thermocouple with a ±0.5 °C 
accuracy.  The 5 kW resistance heating elements inside provide the simulated heat load.  
Additionally, the vessel had a borosilicate looking glass in one end for liquid level monitoring.  
The vessel was wrapped in a high temperature Fiberglass insulation sheeting, 2 inches thick.  
The power input to the HTE was measured with an accuracy of ± 3% of the measurement. 
4.2.2.2 Low Temperature Evaporator (LTE) 
In order to simulate the refrigeration occurring in the low temperature evaporator (LTE), a low 
temperature boiler was used which was very similar to the HTE, with the exceptions of 
insulation type, pressure transducer type and outlet diameter.  The pressure transducer was a 0-35 
kPa (±0.03 kPa) range.  The outlet diameter was 2 inch and a 2 inch ball valve connected it to the 
inlet at the ejector.  The vessel was wrapped in a 1 inch thick flexible low-temperature 
Polyethylene foam rubber insulation to protect against unwanted system heat gains.  The power 
input to the low temperature boiler or LTE was measured with an accuracy of ± 3% of the 
measurement. 
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4.2.2.3 Condenser 
The condenser from the ERS I setup was modified and put into the new system.  The glass was 
replaced with a 6 inch OD x 36 inch length x ¼ inch thick piece of borosilicate glass tubing.  The 
end plates were remade to ½ inch thick, to prevent warping under the tension of the tension rods.  
This guarantees an even sealing surface between the glass and plate.  The gaskets for between 
the glass and endplates were cut from weather-resistant Butyl rubber sheets, ¼ inch thick.  The 
sensors were the same 0-35 kPa (±0.03) pressure transducer and a NPT mounted type „T‟ 
thermocouple (±0.5 °C) that were used in the ERS I setup.  The same ¼ inch O.D. copper coils 
from the ERS I condenser were reused here. 
 The condenser was cooled with a 5.7 kW cooling capacity FTS Maxicool chiller, which 
was modified from the ERS I setup.  The chiller was outfitted with a new positive displacement 
pump capable of delivering 3.6 US Gal/min at 100 psi of system pressure. 
4.2.2.4 Ejector 
Similar to the Prototype I, the ejector is constructed in sections with flanged connections and 
1
/8 
inch Viton Fluoroelastomer o-rings.  For the Prototype II, an additional chamber as shown in Fig. 
4.9 is mounted on the back of the ejector, which fills with hot vapor from the HTE.  On the back 
side of this chamber, a threaded rod extends out of the system and allows for ease of precise 
axial positioning of the nozzle.  The threaded rod is connected to the shaft that the nozzle is 
mounted on, and at the connection point of the two, is a coupling that allows the vapor to enter 
the nozzle shaft and flow directly to the nozzle.  The chamber shown in Fig. 4.9 was wrapped in 
a 2 inch thick fiberglass insulation sheeting, as well as the piping up to the chamber where the 1 
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inch ball valve was located.  The chamber also had a analogue pressure sensor for safety and 
pressure drop calculations. 
 
Figure 4.9 Sketch of the moveable nozzle setup 
4.2.2.5 Additional System Components 
The pumping subsystem was very similar to the one described in the ERS I section, except that 
the LTE was also receiving liquid from the pumping subsystem.  Just after the diaphragm pump 
was a „T‟ connection and a shut-off valve before the HTE and the LTE.  This way, the water 
could be charged to the system, heated in the HTE to remove any dissolved air from the water, 
and then pumped to charge each vessel. 
 The pressure manifold subsystem was just like the one described in the ERS I section, 
except for Prototype II a single manifold was used for the nine pressure-taps along the length of 
the ejector, and two 0-35 kPa (±0.03 kPa) pressure transducers were used to compare values. 
4.2.2.6 Testing Procedure 
The test procedure for Prototype II is the same as for Prototype I. 
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4.2.3 Results and Discussion 
Following the similar procedure for the Prototype I, tests on Prototype II were conducted in order 
to determine the effects of the vapor temperature in HTE, the evaporation temperature in the 
LTE, and the condensing temperature.  For each set of conditions, the system was allowed to 
reach steady-state and all of the sensors‟ outputs were recorded for 20-30 minutes to ensure the 
system was operating at steady-state, as outlined in the ERS II test procedure.  The COP was 
estimated by Eq. (49) based on the recorded voltage drops and current measurements with an 
accuracy of ± 4% of the calculated value based on voltage measurements.  As with ERS I, the 
COP measurement was not accurate due to the heat loss and gain.  For Prototype II, the system 
was very well insulated; therefore the COP measurement is very close to the actual system COP.  
Careful temperature measurements were taken along the insulated surfaces and free convection 
correlations [15] were used to estimate the system heat losses and gains.  The estimation shows 
that the heat losses for both the HTE and LTE are less than 3% of the total heat input. 
 The pressure losses in the ducts to the primary and secondary nozzles were estimated as 
well.  Using the pressure sensors in the HTE vessel and another in the chamber just behind the 
primary nozzle, the pressure losses for the primary stream were estimated to be less than 5%.  
The pressure losses in the suction line to the LTE were measured in a similar fashion.  The 
pressure loss was measured to be 3-5%. 
 Unless otherwise noted, the data presented hereafter is a representation of the ERS II 
using the nozzle with a throat diameter of 1.2 mm, a diffuser with a throat diameter of 88.9 mm, 
and a constant area mixing section with a length of 90 mm. 
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The ERS performance was measured over a range of HTE saturation temperatures of 120-
135 °C.  The LTE conditions were also varied, from 5-15 °C.  For each set of conditions, the 
critical back pressure was found.  Figure 4.10 shows the effects of back pressure, area ratio, HTE 
and LTE operating conditions on the system COP.  This performance map shown in Fig. 4.10 
could be useful to design an ejector for a particular application in that it shows how the system 
can be operated optimally with any changes in environmental conditions, i.e. the condensing 
temperature.  Typically the condensing temperature is restricted to a minimum temperature to 
that of the surroundings.  If the surrounding temperature changes, then the system must adjust in 
order to maintain optimal operation.  If the condensing temperature is reduced, then the system 
can be adjusted to operate optimally in one of two ways: 
1. If the cooling capacity is to remain constant, the HTE temperature should be reduced in 
order to establish a new critical back pressure.  This means that the COP will increase 
due to a reduced heat input required by the HTE and the LTE temperature will be 
decreased for the same cooling capacity. 
2. If the LTE temperature is to remain constant, the HTE temperature should be reduced 
even further than case one.  This will produce the same effect as mentioned above, except 
that the further reduction in HTE temperature will for the LTE temperature to rise back to 
the original conditions. 
It should be noted that if the effects of nozzle position are considered, and the ejector could be 
designed such that the nozzle would be self adjusting with changing conditions, then the system 
operation could maintain consistency and only a change in nozzle position would be required.  
Effects of nozzle positioning will be presented hereafter. 
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Figure 4.10 Experimental data of Protoype II 
The cooling capacity of the experimental ejector is presented in Fig. 4.11.  The cooling capacity 
at higher LTE temperatures is nearly the same for the two different area ratios tested.  However, 
at lower HTE temperatures the cooling capacity changes much more significantly.  If the ejector 
is made to operate at its critical backpressure, then the cooling capacity seems to be only 
dependent on the LTE operating condition for a given area ratio. 
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Figure 4.11 Cooling capacity at critical backpressure 
Comparison with Theoretical Prediction 
Table 4.6 shows a comparison between the model prediction and experimental results.  The 
measured COP was used with the operating conditions of the vessels to calculate the area ratio of 
diffuser throat area to nozzle throat area.  Then the error between the calculated area ratio and the 
actual area ratio of the experimental ejector was calculated.  The error is 17% on average, and 
never over 30%.  It should be noted that this experimental setup had excellent insulation and the 
measured COP is very close to the actual system COP. 
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Table 4.6 Comparison of experimental data with theoretical prediction 
 
Comparison of Experimental Data with Previous Results 
In order to demonstrate the experimental setup and prototype investigated herein, results are 
compared with results obtained by previous investigations [5-6].  Chunnanond et al. [5] 
presented a typical static pressure profile illustrating strong evidence of the location of the 
„effective area‟ and the location of the shock wave as shown in Fig. 4.12a.  A similar pressure 
profile was observed in the ejector tested in this investigation, which is shown in Fig. 4.12b.  It 
can be seen from this example profile, that a few assumption made in the modeling can now be 
validated.  As shown in Fig. 4.12b, the pressure between the effective position and the shocking 
position is nearly constant throughout.  It shows that the constant pressure mixing assumption is 
validated.  Another assumption that can be validated is the location of the shock wave being near 
the diffuser throat, or actually in the diffuser itself.  The data point in the figure that is just before 
the labeled shocking position is located at the end of the constant area section of the diffuser 
throat.  One additional note is that the lowest point of pressure is just in front of the nozzle 
indicating a similar trend as described by the effective position mixing theory, described in 
section 2.3.  
Theoretical
HTE LTE Back Pressure [kPa] COP Area Ratio Error
135 15 2.8 1.18 195 16%
10 2.4 0.69 212 8%
5 1.7 0.36 294 27%
130 15 2.6 1.36 190 18%
10 2.3 0.77 194 16%
5 1.6 0.40 267 16%
120 15 2.2 1.72 173 25%
10 1.7 1.06 207 10%
*The experimental ejector had an actual area ratio of 251
Temperature [°C]
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Figure 4.12(a) Typical static pressure profile reproduced from [5] 
(b) Static pressure profiles from experimental ejector 
Table 4.7 illustrates a comparison of experimental results with the results obtained by Eames et 
al. [6].  When compared with the results reported by Eames et al. [6], it is interesting to note that 
the cooling capacity is nearly the same, for similar HTE & LTE operating conditions.  It also 
illustrates the strong relationship between the COP and the critical backpressure for a set of 
operating conditions.  While the cooling capacity may only be slightly tied to the nozzle throat 
size, there is a strong tradeoff between the critical back pressure and the COP.  This suggests that 
in order to design an ejector, the first step is to first identifying the acceptable evaporator 
operating conditions, determining the minimum condensing temperature, a max performance can 
then be determined. 
 
 
 
 
(a) 
(b) 
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Table 4.7 Performance comparison between current investigation and reported results 
 
Effect of Primary Nozzle Position 
The experimental results shown in Fig. 4.13 show that the primary nozzle position, which is the 
distance from the entrance of the mixing chamber to the tip of the nozzle normalized by the 
length of the mixing chamber, significantly affects the system‟s cooling capacity and there exists 
an optimum position.  The optimal NXP is dependent only on the high and low temperature 
evaporator conditions.  However, the dependence on the HTE conditions is much greater than the 
dependence on the LTE conditions, which appeared to be only slightly but a more thorough 
investigation should confirm.  It should be noted that for a given HTE operating condition, the 
input power is not dependent on the NXP but only the HTE operating condition itself.   
Therefore, as far as the COP is concerned, only the cooling capacity is affected by the NXP.  We 
know that changing the HTE operating condition will shift the location of the optimum NXP, but 
it is unclear at this time what that shift will look like.  In column 6 of Table 4.8, it can be seen 
also that the critical back pressure increase with each change in NXP becomes less as the nozzle 
is positioned further into the mixing chamber, and even eventually begins to taper off. 
Nozzle Throat Cooling Temperatures [⁰C] Back
Diameter [mm] COP Capacity [W] HTE LTE Pressure [kPa]
Current Investigation
1.2 0.395 480 130.0 5.0 1.55
0.781 980 130.0 10.0 2.30
1.363 1700 130.0 15.0 2.60
1.6 0.553 1040 130.0 10.0 2.59
Investigation by Eames
2 0.207 710 130.0 7.5 4.57
0.278 936 130.0 10.0 4.76
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Figure 4.13 Variations in measured cooling capacity with different Nozzle Exit Positions 
Table 4.8 Cooling capacities and back pressures for a various NXP positions 
 
Effect of HTE & LTE Conditions 
Figure 4.14 illustrates the effects of the LTE and HTE operating temperature and pressure on the 
system COP.  Increasing the LTE temperature will increase the unit‟s cooling capacity, the COP, 
and raise the critical backpressure.  Typically, the cooling temperature should be chose to meet 
the requirements of the refrigerated space or flow stream, the higher allowable temperature will 
improve the system in all critical aspects.  It was suggested by Chunnanond et al. [5] that the 
higher saturation pressure put more of a compression effect on the expansion wave from the 
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primary nozzle and caused the „effective mixing area‟ to move further downstream.  This means, 
the longer duct could have a higher capacity for an increased amount of entrained refrigerant 
vapor.  In addition, if indeed the secondary fluid is choking at the local sound speed, then this 
could explain the increased critical backpressure.  With the increase in saturation temperature, 
the local sound speed is increased, and hence an increase in absolute velocity.  Higher absolute 
velocity means more momentum for the mixed flow stream and an increase in critical 
backpressure. 
  
Figure 4.14(a) Effects of LTE and condenser conditions on the system COP 
(b) Effects of HTE and condenser conditions on the system COP 
Effect of Diffuser Throat to Nozzle Throat Area Ratio 
Figure 4.15 illustrates the effect of the area ratio of the diffuser throat to nozzle throat on the 
system COP.  Two area ratios have been tested and have shown intriguing results.  The largest 
impact observed with different area ratios is the COP and critical back pressure.  With a larger 
area ratio, a higher COP can be achieved.  With a smaller area ratio, a higher critical back 
pressure can be achieved, as shown in Fig. 4.15.  However, one interesting thing to note is the 
variation in cooling capacity with area ratio.  Referring back to Fig. 4.11, the lower area ratio had 
a cooling capacity only slightly higher than the larger area ratio at higher LTE temperatures.  
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This suggests that a more thorough investigation of the area ratio‟s effect on cooling capacity is 
necessary.  The cooling capacity seems to be weakly influenced by the area ratio at higher LTE 
temperatures and slightly more at lower LTE temperatures, but this may not be the major 
contributing factor.  The influence of the secondary nozzle inlet area to diffuser throat area ratio 
should also be investigated; however time will not permit it for this study.  Though, it certainly 
should be an area of investigation for future studies. 
 
Figure 4.15 Effects of area ratio on system performance 
Effect of Diffuser Exit Diameter 
Figure 4.16 shows the effect of the diffuser exit diameter on the system COP.  The test was 
conducted by setting the HTE temperature to 130⁰C and the LTE temperature to 15⁰C and 
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varying the cooling capacity with incremental increases in backpressure, from below to above 
critical conditions in the condenser.  One of the differences in geometry from what Chunnanond 
et al. [5] reported was the exit diameter of the diffuser.  It can be concluded the COP is not 
influenced by the enlarged exit diameter of the diffuser, as the COP is the same for both sizes of 
diffusers.  There is a slight decrease in critical backpressure, which can be attributed to the 
function of the diffuser itself. 
 
Figure 4.16 System performance variations with diffuser size 
V Conclusions 
A mathematical model, similar to the model proposed by Chunnanond et al. [1, 5], Eames et al. 
[6], Keenan et al. [7] and Aphornratana et al. [8], was developed to predict the performance of 
the ejector refrigeration system developed herein.  The main difference is that the current model 
can be directly used to predict the performance of a two-fluid system.  In order to verify the 
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model developed herein, the experimental data reported by other investigators is compared with 
the prediction and found that the average error is less than 7%.  Using the same model, the 
system COP was calculated and compared with the experimental data investigated herein and 
found that the average error is less than 17%.  Both comparisons show that the model is 
acceptable for a useful tool to design an ERS.  However, the results predicted by the modeling 
are typically higher than the experimental data and it can be concluded that an improved model is 
needed for accurate prediction. 
Based on theoretical analysis, two prototypes, i.e., ERS I and ERS II, were developed 
including the experimental system.  Experimental data from ERS I show that ERS I yielded low 
COPs compared to similar reported experimental data.  The reasons for the low COP of ERS I 
are: 1) the power input was limited due to the testing facility.  The HTE vapor temperature was 
in the range of 85-115 ⁰C.  The range could not be extended any further due to the higher power 
requirements for the given primary nozzle throat size.  2)  The diffuser throat diameter was too 
large so that the saturation pressure in the condenser could not be lowered enough to get below 
the critical backpressure of the ejector.  3)  The secondary fluid inlet to the mixing chamber was 
undersized so that the secondary flow stream could easily become choked at the inlet, thereby 
restricting the amount of secondary fluid that could be entrained.  4)  The primary nozzle exit 
diameter was over-expanded and could cause large fluctuations in NXP pressures making the 
LTE conditions unstable. 
Using the information obtained from the ERS I, an improved prototype, i.e., ERS II was 
developed.  The improved prototype was tested over a range of HTE temperatures of 120 – 135 
⁰C and a range of LTE temperatures of 5 – 15 ⁰C.  The experimental results show that the ERS II 
can achieve a COP of 1.7; much higher than the results obtained by ERS I and typically reported 
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in the literature, but at the expense of critical backpressure.  It was found that the primary nozzle 
positioning significantly affects the system COP and an optimum NXP exists only for a given set 
of HTE and LTE conditions.  In addition, studying the effects of the diffuser throat to nozzle 
throat area ratio revealed the tradeoff between critical backpressure and system COP.  The 
diffuser exit diameter appears to increase the critical backpressure only by a small amount, 
proportional to the area of the exit.  In addition, the nozzle size effect on the system COP was 
investigated as well and the experimental data show that using a smaller nozzle can result in a 
higher COP; however the critical condensing pressure is significantly reduced.  When the area 
ratio decreased, the cooling capacity is nearly constant which suggested that the inlet area of the 
secondary flow might be a factor for this constant cooling capacity and further investigation is 
needed for it.  A system COP map of the experimental data over a range of evaporator operating 
conditions is developed, which can help to design a new ejector refrigeration system for a given 
application. 
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VI Nomenclature 
A Area 
AR diffuser throat to nozzle throat area ratio 
a sound speed 
Cp heat capacity 
COP coefficient of performance 
CR compression ratio 
h enthalpy 
hlv latent heat of vaporization 
HTE high temperature evaporator (boiler) 
I current 
LTE low temperature evaporator (evaporator) 
M mach number 
   mass flow rate 
MW molecular weight 
NXP nozzle exit position (normalized) 
P pressure 
R gas constant 
    universal gas constant 
T temperature 
U velocity 
V RMS voltage 
ε convergence criteria 
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ρ density 
γ specific heat ratio 
η isentropic efficiency 
ω entrainment ratio 
Subscripts 
1 NXP position 
3 post-mixing, pre-shock wave 
4 post-shock wave 
b backpressure (or exhaust pressure) 
d diffuser throat 
i isentropic conditions 
m mixture 
o stagnation conditions 
PF, P primary fluid 
SF, S secondary fluid 
t nozzle throat 
* critical conditions 
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